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IMPACT OF FLEXIBILITY OF SUPPORT ON GEAR MESH DYNAMICS

Purpose. Development of a mathematical model of gear mesh which takes into account flexibility of a pinion support for study-
ing the influence of lateral vibrations on gear dynamics as a whole.

Methodology. The calculation model is designed using lumped-parameters method. The research on dynamics of the system
is performed by methods of the theory of oscillations of two degree of freedom systems. Using the approximate method of theory
of oscillations and algebra, vibrational amplitude of the system is defined. The results of numerical integration of dynamic equa-
tions are compared to the experimental data.

Findings. State-of-the-art review on gear mesh models taking into account coupling effect of pinion torsional and lateral vibrations
is performed. Based on the lumped-parameters method, an analytical model for calculating dynamics of gear mesh with flexible sup-
port is developed. The amplitude-frequency response of open gearing of a tumbling mill MSHRGU 4500 X 6000 is studies taking into
account flexibility of a pinion shaft and bearing parts. It is shown that torsional vibrations of a pinion and lateral vibrations of a power
unit have a coupling effect. The models of highly loade gearing give values of natural frequencies with a significant error. A range of
possible force resonance in a power unit of tumbling mill open gearing is defined. Causes of excessive vibroactivity of mechanical
systems of drives of certain mills and increasing vibroactivity when in operation are established. It is shown that amplification of vibro-
activity of a tumbling mill power unit due to intermittent action of forces with gearing frequency is improbable. Rational techniques of
reducing vibroactivity of existing mills due to lubrication and increasing hardness of working face of gear teeth are defined.

Originality. Methods for defining resonance range of gear mesh which consider a coupling effect of pinion torsional vibrations
and pinion shaft lateral vibrations are developed.

Practical value. The range of possible force resonance in a power unit of tumbling mill MSHRGU 4500 x 6000 open gearing
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is defined.
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Introduction. There is no universal model of gearing dy-
namics because physical processes which accompany the pro-
cess of meshing are complicated and various. Instead, there is
a wide variety of models which are different by both physical
phenomena considered and assumptions accepted.

Often, while considering gear dynamics, one neglects shaft
flexibility of gears and flexibility of bearings. This assumption
is acceptable if gear is assembled on relatively short shaft with
big diameter (Ozguven, Houser). However, this assumption is
unacceptable if gearing is high-speed or assembled on support
whose stiffness is close to the stiffness of gearing. In case of
coincidence of natural frequencies of support and gearing, it is
possible that torsional and transverse oscillation affect and in-
tensify each other.

Drives of large-size gearings, for example, drives of open
gearings of tumbling mills are complicated vibrational systems
which consist of partial systems with their own vibrational
properties. Among these partial systems gearing is the most
important. Gearing is the source of periodically varying loads
which affect the partial system of the drive. In case of coinci-
dence of load frequency and natural frequency resonance phe-
nomena are possible. The resonance brings about vibrational
activity of drive and its early fatigue.

Literature review. Development of drive structures follows
the path of increasing of specific capacity of machines under
conditions of increasing of requirements to accuracy and reli-
ability of machines. As a result, the elements of structures un-
dergo too big dynamic loads.

Gearing is the structure whose mechanical system consists
of three dimensional oriented inertial, flexible and dissipative
elements [1]. It is very important for analyzing and prediction
of vibrational activity to create a reliable dynamic model of
gearing which considers transfer of energy of oscillation be-
tween parts.

According to recent works concerning the present matter,
there is a whole class of models of gearing — rotor dynamics
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models with gearing — which consider the flexibility of parts of
drive to a variable degree.

Schwibinger and Nordmann [2] considered the dynamics of
gearing of rotor system taking into account transverse flexibility
of bearings and shafts. They showed that the principle of gear-
ing conditions strong interrelation between torsional and trans-
verse oscillation. The torque applied to pinion is passing to gear
by meshing forces. That is why the torque causes transverse load
and bending moment. Torsional and transverse displacements
at coupled gears have kinematic relation with each other

"g+ q3=nrg,+ qa,

where r,q, and r,q, are virtual displacements during the tor-
sion; g3, g, are virtual displacements in transverse direction.
Numerical solution of differential equations of motion showed
that torsional and transverse oscillations are essentially cou-
pled. Use of classic methods of determination of natural fre-
quencies which do not consider the interdependence of tor-
sional and transverse oscillation could cause significant mis-
takes during gears design.

Seshendra Kumar Venkat Karri, Sree Krishna Sundara
Siva Rao Bollapragada [3] considered a similar problem with
consideration of transverse flexibility of supports in vertical
and horizontal directions. For the purpose of investigation of
torsional and transverse oscillation the dynamic parameters of
the considered system were selected to be very close. Torsional
and transverse natural oscillations under the action of unbal-
anced masses were investigated. It is shown that torsional and
transverse oscillations interact with each other. Two critical
values of shaft rotation velocity were detected instead of one
value according to the model which considers only torsional
vibration. Intensity of interaction depends of proximity of nat-
ural frequencies of torsional and transverse oscillations. Xue
and Howard [4] considered a similar problem and showed that
flexibility of supports of gear shafts under load results in chang-
ing of nature of gear mesh stiffness oscillation. Kurushin,
Balyakin and Ossiala have dealt with an analytical solution for
the simple model dynamics of gears on elastic supports [5].
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The analysis of literary data showed lack of research stud-
ies devoted to coupled vibration at heavy loaded gearings.
Stiffness of parts is determined by approximate estimations or
varying for the purpose of imitation of resonance modes. At
the same time, the precision of estimation of stiffness signifi-
cantly affects the accuracy of the model [6].

The purpose of present study is creating of a reliable model
of gearing which considers the flexibility of supports for the
purpose of investigation of impact of transverse oscillation on
gearing and drive dynamics on the whole.

Statement of the problem. For the purpose of determina-
tion of impact of torsional flexibility of supports on heavy-
loaded gearing dynamics the equivalent model of gearing is
considered (Fig. 1).

It is accepted that a gear has a relatively big mass and there
are no meshing errors. Then meshing would be presented as a
flexible connection with equivalent linear stiffness C, N/m.
Pinion is absolutely rigid and is placed on a flexible support with
equivalent linear stiffness C;, N/m. Under the action of drive
torque M, the pinion rotates in the direction of drive torque with
rotational displacement ¢. As a result of gear mesh and support
flexibility, the pinion drifts in the direction which is opposite to
the direction of meshing force (horizontal displacement of the
pinion is neglected). Force of flexibility balances the pinion.

Thereby, gear mesh represents a one-mass system with two
degrees of freedom and its dynamics, neglecting dumping,
could be described by two ordinary differential equations

1o=~Cr(gr—x); (1)
mx =-Cx+C(or-x), ?2)

where / is the moment of inertia of the pinion, kg - m?; m is the
mass of the shaft gear, xg; ¢ is an angle of pinion rotation, rad; C
is equivalent linear stiffness of gear mesh, N/m; C, is equivalent
linear stiffness of the support of the pinion, N/m; ris the radius
of the basic circle of the pinion, m; x is vertical displacement, m.

Results. Let us build a general solution of the equations
(1, 2) using the method proposed by Timoshenko [7]. Equa-
tions (1, 2) are the equations with constant coefficients. Let
us assume a particular solution as

¢=A;sin(pt+a); 3)
x=A,sin(pt+ o), 4)

where A4;, A, are unknown amplitudes; p is angular frequency,
sl ris time, s; o is a vibration phase.

Substituting (3, 4) to (1, 2) we get a system of algebraic equa-
tions, which are homogeneous relatively to amplitudes 4, and A4,

~Ip A +CP A +%A2 =0; 5)

C C Cr
PA A A -4 =0, 6
Ay P e (6)

Fig. 1. Design model of gear mesh:

1 — pinion; C — mesh stiffness; C, — stiffness of the support; M —
torque; x — linear coordinate; ¢ — angle of rotation

Amplitudes 4, and A4, cannot be equal to zero during vibra-
tions. Therefore, the determinant, composed of coefficients of
the system of equations (5, 6), has to be equal to zero

cr?ro, Cr

=, o

I I -0
o Cc+C |
-— —p
m m

which can be expanded with a result
ap* + bp? + ¢ =0, @)
where

2 2
a=1; b=- CL+% ; c:CL(C,+2C).
1 m Im

The roots of the (7) are of the form

Cr? C+C,
7+7

c? ¢ +C [1 m
p12,2:7+ 1 +

]2
Cr?
+ -=(C, +20C).
21 2m 4 Im( ! ) ®)

It is obvious from expression (8) that the system has got
two natural frequencies of vibrations p; and p, in contrast to
the system without flexible support, which has got only one

natural frequency
k=<
I

For instance, let us consider the calculation of natural
frequencies of open gearing of tumbling mill MSHRGU
4500 x 6000. Gear meshes of tumbling mills are unique be-
cause of their size and getting big static and dynamic loads.
Unbalanced forces, which have been induced by periodical
process of engagement and by impacts due to inaccuracies, are
the source of periodic effect on the mechanical drive system.
In case of coincidence of frequencies of impact and natural
frequencies of drive system the rise of vibration activity, dy-
namic loads and premature damage are possible.

Table shows the main parameters of gear mesh concerned.
Fig. 2 shows the scheme of the shaft gear support.

The pinion [ is adjusted at shaft 2, which is mounted at
supports 4 by bearings 3. Supports of the shaft are suggested to
be absolutely rigid.

Determination of mesh stiffness, C, is a complicated prob-
lem. It is known that stiffness of a pair of teeth consists of con-
tact stiffness, banding stiffness and stiffness of a tooth root.
The components do not have an accurate form, thereby can be
determined by the finite element method owing to the ability
to consider the strain of involute tooth, rim and web of arbi-
trary design as well as contact strain. In the present investiga-
tion mesh stiffness is determined by the finite element analysis
using a technique stated in the article [6]. This calculation
technique is the basis of the design of a 3-D model of mesh,
assigning of mechanical properties of constructional materials
and boundary conditions, the design of calculating mesh,
solving a contact problem using the finite element method
with controlling convergence, calculating maximal displace-
ment of points at the line of contact of the tooth.

where F, is tangential force, kN; a,, is a pressure angle, deg.
Determination of stiffness of bearings is a complicated
problem also because its value depends on significant quantity
of factors, which are not known beforehand. For estimation of
stiffness of bearings, , the technique for calculation of rolling
conical double-row bearing is used (GOST 6364-78) which
takes into account their seatings on the shaft (Beizelman) [8].
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Table
Main parameters of gar mesh of a tumbling mill MSHRGU

4500 x 6000
Value
Parameter Notation

Pinion | Wheel
Number of teeth z 46 252
Face width b, mm 1000 1000
Pitch diameter d, mm 1150 6300
Pressure angle a,’ 20
Normal module m, mm 25
Axis distance a,, mm 3725
Pinion rotation velocity ny, rpm 75
Torque on pinion M, kN -m 509.3
Reduction rate u 5.5
Moment of inertia of pinion I,kg-m? 1.3-10°
Mesh stiffness [3] C, N/m 6.3-10°
Stiffness of support C;, N/m 6.5-10"
Reduced mass of pinion and shaft | m, kg 9.0 - 10°

S

Fig. 2. Scheme of the pinion system:
1 — pinion; 2 — shaft; 3 — bearings; 4 — supports

Radial stiffness of the bearing in the unit is

where F, is radial load, kN; d, is radial compliance of the bear-
ing under the load, m.

Radial compliance, in turn, consists of the radial compli-
ance of the most loaded roll with its groove and the radial
compliance of the bearing ring in the contact with the seat sur-
faces of shaft and body

dr = drl + er’

where d,, is radial compliance of the most loaded roll with its
groove, m; d,, is radial compliance of the bearing ring in the
contact with the seat surfaces of the shaft and body, m.
Radial compliance of the most loaded roll with its groove
could be described as
G

drl :Bdr() _Tr’

where  is the factor, which takes into account the tightness or
the gap in the bearing; d, is radial compliance of the most load-
ed roll with its groove with zero gap, m; G, is a radial gap, m.

Radial compliance of the bearing ring in the contact with
the seat surfaces of the shaft and body could be described as

PRl
ndB D

where k is the factor, which takes the values from 0.05 to 0.25;
d is the internal diameter of the bearing, m; D is the external
diameter of the bearing, m; B is the width of bearing, m.

Radial compliance of the most loaded roll with its groove
with zero gap, in turn, could be determined by a standard no-
mogram or described as

1.2-1073Q?
drO = ’
COS(X\/;

where Q is radial load, which is applied to the most loaded roll,
kN; o is a contact angle in the rolling bearing, deg; / is the
length of the roll, m.

Radial load, which is applied to the most loaded roll, could
be described as

5F,

dr() = .7r9

i-z-cosa
where 7 is the quantity of the set of rolls; z is the quantity of the
rolls in the set; a is the contact angle.

The actual values of the majority of parameters mentioned
above are difficult to determine. Furthermore, their actual val-
ues are sufficiently varying during operation. For the purpose
of getting the guess value of bearing stiffness, the typical roll
conical double groove bearing was considered. The parame-
ters to be accepted are as follows: o =20°; I =2; z=10; [ =
= 0.2 m; B = 1. The calculated value of radial stiffness of the
bearing in the unit is 6.5 - 10'° N/m.

If we substitute parameters of stiffness and inertia showed
in table 1 to (7), we obtain natural frequencies p, = 2.8 - 10* and
p>=1.4-10°c™!, which are natural frequencies of torsional and
transverse vibrations of gear mesh. The value of p, differs from
the corresponding value obtained with neglecting transverse
vibration of gear mesh less than 6 %.

Fig. 3 shows time series of natural vibrations of the me-
chanical system during the period of time, equal to five periods
of toothing. One can see that transverse vibration (curve /) and
torsional vibration (curve 2) have a cross-effect. Mutual mod-
ulation with carrier frequencies p; and p,, which are calculated
earlier, occurs.

For the purpose of determination of frequency response of
the system let us assume that the system is under action of
force, varying by the harmonic law

0= Hsinot,

where H is amplitude, N; o is the frequency of forced excita-
tion, s\,

In this case the differential equations of motion of the sys-
tem can be represented as

19+Cr(or—x)=—-Hrsinot; 9)
mx +Cyx—C(¢r—x)=—-Hsinwt, (10)
while steady motion can be founded in the form

ApA
121 )

1 2 3 4 5t

Fig. 3. Natural vibration of mechanical system of the gear mesh
of a tumbling mill:

1 — vertical displacement of a pinion; 2 — torsional vibration of a
pinion; t,— period of teeth coupling
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¢ =A,sinot; (11)
X = A,sinwt. (12)

Substituting (11, 12) into the system of equations (9, 10),
we get a system of algebraic equations for determination of
amplitudes of vibration

—I0?A, +Cr? A, + CrA, =-Hr;
—mw’A, + C,A, — CrA, + CAy = —H,
from which we can get expressions for amplitudes 4, and 4,
—Hr((C +C, )—mw2)+ HCr
(Cr2 - Imz)((C+Cl)—mm2)—(Cr)2 ,

—H(Cr—mmz)+H(Cr2 —Imz)
(Cr - 10?)((C+C))-mo?)~(Cr)"

4=

Fig. 4 shows frequency response of the mechanical system
of gear mesh taking into account the lateral vibration. It is
shown that this system has two resonance ranges correspond-
ing to forced frequencies, which are close to p, and p,.

It is known that periodic engagement of gear teeth is the
cause of appearance of periodic disturbing forces (Birger). The
most essential component of that disturbance has frequency of
teeth engagement. Owning to non-ideal sinusoidal form of
disturbance and non-constant period of sequence of impulses,
there could appear forces with frequency of alteration, which is
multiple to frequency of teeth engagement.

The calculated value of the angular frequency of teeth en-
gagement is p.= 361 s™!. This value is by 3.9 times less than the
natural frequency of torsional vibration p, and by 7.8 times less
than the natural frequency of lateral vibration p,. The ratio of
calculated frequencies means that appearance of resonance
vibration due to teeth engagement is improbable.

The open gearings of tumbling mills are relatively low-speed
drives. The coincidence of natural and forced frequencies is
more probable at more high-speed gearings, for example, re-
duction units of general and heavy machinery. In that case, the
use of methods for determination of natural frequencies, which
do not take into account mutual impact of torsional and lateral
vibrations, could lead to significant errors of gearing design [2].

In spite of this, some drives of tumbling mills are very vi-
broactive. Fig. 5 shows experimental results of measurements
of vertical vibration of a drive unit of a tumbling mill MRG
5500 x 7500.

Analysis of experimental data shows that vibration activity
of a driving pinion depends on the value of kinematic excitation.
The value of amplitude of kinematic excitation depends on val-
ues of deviations of gear mesh. Provided small runout of gear
mesh the amplitudes of forced vibration are relatively small.

With intensive runout the fouling of active face of tooth
appears, the engagement inaccuracy and vibroactivity arise

AL

T ] PsC
0 1000 2000 3000 4000
Fig. 4. Frequency response of the mechanical of gear mesh of a
tumbling mill:

A; — the first amplitude; A, — the second amplitude; p — angular
frequency

Ay
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0.01 sec
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Fig. 5. Time history of vibration activity of driving assembly of
a tumbling mill MRG 5500 x 7500 ( vertical vibration of a
running-in pinion during the start):
tp — period of rotation of the pinion

(Fig. 5). The change-out of a pinion and use of not running-in
gear mesh lead to intensive vibration activity.

Reducing the intensity of wearing of open gearing can be
provided by the reduction of pollution of lubricant by abrasive
additives. In addition to application of different shielding shells,
an application of special methods for lubrication and different
types of lubricants, providing covering of the acting face by a
thin layer of oil, leads to reducing of lubricant pollution.

One of the requirements to lubricants is allowance to form
a thin layer on the acting faces of teeth and not to accumulate
abrasive particles ingressing to lubricant from the environ-
ment. The thin layer of lubricant on the acting face of tooth
does not hold large abrasive particles reducing the rate of abra-
sive runout of the gear mesh. Reduction of concentration of
abrasive particles and additions by 1.5 times allows reducing
the abrasive runout in 1.6 times. All mentioned above is con-
firmed by the experience of using the centralized lubricant sys-
tem LINCOLN GmbH at Poltava Ore Mining and Processing
Enterprise.

The extending of hardness of acting faces of the pinion and
gear teeth up to HB,550—600, HB,300 by case hardening and
following grinding is a determining factor for extending dura-
bility of open gearing. In this case the rate of runout of teeth of
the pinion and gear are by 4.2 and 3.6 times correspondingly
less than that of teeth of gearing with hardness up to HB,300,
HB,200. It enables to run one pinion with gear without spared
modes of running-in and eliminates high internal dynamic
loads and vibroactivity of gear drive (Vinogradov).

Conclusions.

1. The physical and mathematical model of gear mesh
which takes into account the flexibility of shaft and bearing
unit dynamics is developed. The developed model allows de-
termining dynamic parameters of system excluding resonant
modes of mesh operation.

2. The analysis of dynamics of standard gear mesh of a
tumbling mill is done. The analysis of dynamic response of the
system allowed finding out that forced vibration, which is ob-
served, occurs in a sub-resonant range. The amplitude of vi-
bration is specified by the amplitude of distortion, which is
induced by inaccuracies of gear mesh.
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Meta. CTBOpeHHs MOjelli 3youacToi repenadi, 1o Bpa-
XOBY€E TMOAATJAMBICTb OMOPU WIECTEPHi, ISl JOCIiIKEHHS
BIUIMBY IMOMEPEYHUX KOJIMBaHb HA AMHAMIKy 3y04acToi repe-
Jlavi B LiJIOMY.

Mertomuka. Po3paxyHkoBa cxema CKJiajieHa 3a JOIIOMOIOI0
MeTo/Ia 30Cepe/ikeHUX mnapamerpiB. JLOCHiIKeHHsT TUHAMIK1
CUCTEMU 3IiCHIOEThCS METOJAMU TeOopil KOJMBaHb CUCTEM i3
JIBOMa CTYTIEHSIMU BUTBHOCTI. I3 BUKOPUCTaHHSIM HaOJIMKEHUX
METOIiB TeOPii KOJIMBaHb i aJIreOpy BUHAYEHI aMIUTITYIN KOJIM-
BaHb CUCTeMU. Pe3yiabTaTh 4KMCEIBHOTO PO3paxyHKY PiBHSIHb
JIMHAMiKK TIOPiBHIOIOThCS 3 €KCIIEPUMEHTAIbHUMU JaHUMMU.

PesyabraTu. JlocniakeHO cydyaCHUIl CTaH MUTAHHS CTO-
COBHO MaTeMaTMYHUX MoIeJeil TMHAMiK1 3yO0uacTux repe-
JIa4, 110 BPAaXOBYIOTh B3a€EMOIiI0 KPYTUIBLHMX i MOMEPEYHNX
KOJIUBaHb. 3a JOTIOMOTOI0 METOAY 30CEpPEeIKEHUX Mapame-
TPiB CTBOpPEHA pO3paxyHKOBa cXeMa 3ajIsl pO3paxyHKYy THHA-
MiKM 3y0uacToi nepenadi Ha oaaTiuBiii onopi. JdochimkeHa
AMILTITYTHO-4aCTOTHA XapaKTepUCTHKA BiIKPUTOI 3yOUuacToi
nepenayi 6apadanHoro manaa MIIPTY 4500 x 6000 3 ypaxy-
BaHHSAM MOJIATIMBOCTI BaJla-1IeCTepHi i MigmnnmHuKiIB. [To-
KazaHo, 1110 KPYTHJIbHI KOJMBaHHS LIECTepHi i momepeyHi
KOJIMBAaHHSI TIPUBOAHOTO BYy3Jla MalOTh B3aEMHUI BILIWB.
Mogeni nMHaMiKd BMCOKOHaBaHTaXXEHUX 3yOUYacTUX Tepe-
JIa4 1al0Th 3HAYEHHSI BJIACHUX YaCTOT 3i 3HAYHOIO ITOXNOKOIO.
Bu3sHaueHi o06J1acTi CMJIOBOTO pe30HaHCY ISl BiIKPUTOI 3y0-
yacToi nepenavi 6apadbaHHoro muimHa. Bu3HaueHi YMHHUKU
MiBUILIEHOI BIOPOAKTUBHOCTI MEXaHIYHUX CUCTEM MPUBO/IIB
NeSIKMX TUITiB MJIMHIB i YNHHUKU 3pOCTaHHS BiOpOAKTUBHOC-
Ti i3 yacoMm ekcrutyaraitii. [TokazaHo, 1110 MiIBUILIEHHS BiOPO-
aKTHUBHOCTI IIPUBOIHOTO By3Jla MJIMHA BHAC/IIIOK TTEpioany-
HOI JIii CUJI, 11O JIiI0Th i3 3y0UacTo0 YacTOTOI0, MaJIOMMOBIp-
He. Bu3zHaueHi palioHa/IbHI COCOOM 3MEHLIEHHS BiOpoak-

TUBHOCTI iCHYIOUMX MJIMHIB 3a paxyHOK 3MallleHHs i MiaBu-
LLIEHHS TBEPAOCTI pOOOUYMX MOBEPXOHb 3Y0iB IIECTEPEHbD.

HaykoBa HoBu3Ha. Po3poOiieHa MeToavKa BU3HAYEHHS
pPE30HAHCHMX obJacTeil 3y0uacTux mepenad 3 ypaxyBaHHSIM
B3aEMHOTO BIUIUBY KPYTUJIbHUX KOJIMBAaHb LIECTEPHi i TO-
MepeyHrX KOJMBaHb OMOPH IIECTEPHi.

IIpakTyna 3naunMicTh. BusHaueHi 06sacTi MOXJIMBOTO
CHJIOBOTO pe30HAHCY Y TPUBOIHOMY BY3JIi BiIKpUTOI 3yOUac-
Toi nepenaui 6apadanHoro miarHa MIITPTY 4500 x 6000.

KurouoBi cioBa: 3y6uacma nepedaua, éaacrna wacmoma, 6i-
b6poakmusHicms, pe3oHanc, 6apabanHuil MAUH

Binsnue mogaTIMBOCTH OMOPHI HA THHAMHKY
3y0uaToii mepenaym

b. B. Bunoepados, /. A. @edun, B. B. Bedw

locymapcTtBeHHOE BBICIIEE ydeOHOE 3aBeAcHUE ,,YKpanmH-
CKUM TOCYyIapCTBEHHbINA XUMUKO-TEXHOJIOTMYECKUN YHUBEP-
cutet®, r. JAnenp, YkpaunHa, e-mail: borvvin@gmail.com;
tm.i.sm.master@gmail.com; 251277ved@gmail.com

Ilean. PazpaboTka Mozenu 3y0ouaToii repeaayu, Kotopast
YUUTHIBAET TTONATIMBOCTL OTMOPHI HMIECTEPHU, UISI UCCIIEIO-
BaHUs BIIMSTHUS TTOMEPEYHBIX KOJeOaHUI Ha JUMHAMUKY 3y0-
4yaToil mepeaaun B LIEJTOM.

Metoauka. PacyeTHast cxema cocTaBlieHa C TTOMOIIBIO
MeTOIIa COCPEIOTOYCHHBIX apameTpoB. MccienoBanue nm-
HaMUKHU CUCTEMBI OCYIIIECTBIIIETCS METOIAMU TCOPUU KOJIe-
OaHMI1 CUCTEM C ABYMS CTETNeHsIMM cBOOOIbI. C MCTIOIb30Ba-
HUEM MPUOJMXKEHHBIX METOIOB TEOPUM KOJeOaHUI 1 anre-
OpbI omIpeeIeHbl aMIUTUTYIbI KOJIeOaHU crucTeMbl. Pe3yib-
TaThl YMCJIEHHOIO MHTEIPUPOBAHUST YPaBHEHUI TUHAMUKKA
COTTOCTABJISIIOTCS ¢ SKCIIEPUMEHTATbHBIMU JaHHBIMM.

PesynbraThl. VcciienoBaHO COBpEMEHHOE COCTOSTHUE BO-
Mpoca KacaTeJIbHO MOJe/Ieii 3y0uaThixX repeaay, YIMThIBarO-
IIUX B3aMMHOE BIMSTHUE KPYTWIBHBIX U TTOTIEPEUHBIX KOJIe-
6aHuii. C MOMOIIIbIO METOAA COCPENOTOUCHHBIX TTapaMEeTPOB
co3JaHa pacyeTHasI cXxema JIJIsT pacueTa TMHAMUKHU 3y0UaToit
repefayy Ha MoAaTiIuBoil omope. MccienoBaHa aMILUTyI-
HO-YaCTOTHasl XapaKTepUCTHUKA OTKPBITOM 3yOuaToil mepeaa-
gy 6apabanHoi MeabHULBI MILIPTY 4500 X 6000 ¢ yueTom
MOAATIMBOCTHY BaJla-1IECTEPHU U MOAIIMITHIUKOB. [TokazaHo,
YTO KPYTWIbHBIE KOJIeOaHUsI IIIECTEPHMU U TTOTIepEeYHbIe KOJe-
GaHMS TIPUBOIHOTO Y3JIa UMEIOT B3aMMHOE BIUsHUE. Moje-
JIM ITMHAMUKM BBICOKOHATPYKEHHBIX 3YyOuaThIX Tepenady
JTAlOT 3HAYCHUST COOCTBEHHBIX YaCTOT CO 3HAYMTEIBHOM MO~
rpeiHocThio. OnpeneneHbl 001aCTU BO3MOXKHOTO CUJIOBOTO
pe30HaHca B TIPUBOIHOM Yy3JIe OTKPBITOI 3y0UaToil mepeaadan
OapabaHHOI MeabHUIIBI. OnpeaeseHbl MPUUUHBI MOBBIIIEH-
HOIl BMOpPOAKTMBHOCTU MEXaHMUYECKUX CUCTEM IIPUBOIOB
HEKOTOPbIX MEJbHMIL U MPUYMHBI POCTa BUOPOAKTUBHOCTHU
BO BpeMms 3KcIutyaTanuu. [loka3aHo, 4TO IOBBIIIEHUE BH-
OpPOAaKTUBHOCTU MPUBOIHOTO y3ja MEJbHUIIbI BCJIEICTBHE
MePUOINIECKOTO JACHCTBUS CUJI, ACHCTBYIOIINUX C 3y0UaToi
4yacTOTOH, MajioBeposiTHO. OrmpeneneHbl paldOHaIbHbIE
CITOCOOBI YMEHBIIICHUS BHOPOAKTMBHOCTU CYIIECTBYIOIINX
MEJIbHMII 32 CUET CMa3bIBaHUS M TTOBBIIIEHUS TBEPAOCTHU pa-
0OOUYMX TTOBEPXHOCTEH 3yObEeB IIECTEPEH.

Hayunas HoBusHa. PazpabGotaHa MeToaMKa onpeaeeHust
PE30HAHCHBIX 00J1acTell 3y0UaThIX ITepenay C yueTOM B3arM-
HOTO BJIMSIHUSI KPYTUJIBbHBIX KOJeOaHUIi 1IECTEPHU U More-
PEYHBIX KOJIEOAHUIT OTIOPHI IIECTEPHU.

IIpakTuyeckas 3naunmoctb. OrpenesneHbl 06JacTh BO3-
MOXHOTO CHJIOBOTO PE€30HaHCa B IPUBOIHOM Y3JI€ OTKPBITOI
3ybyaToil nepenaud OapabGaHHoW MeabHuubl MIIPTY
4500 x 6000.
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